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This paper presents a computational tool for the evaluation of engine performance
and exhaust emissions for four stroke multi-cylinder spark ignition engine which
usesgasolineasa fuel. Gasdynamicsflow in multi-cylinder intake and exhaust sys-
tems are model ed by using one-dimensional unsteady compressi ble flow equations.
The hyperbolic partial differential equations are transferred into a set of ordinary
differential equations by using method of characteristics and solved by finite differ-
ence method. Compatibility relationships between local fluid velocity and sonic ve-
locity are expressed in terms of Riemann variables, which are constant along the
position characteristics. The equations are solved numerically by using rectangu-
lar grid in the flow direction and time. In this model nitric oxide concentration is
predicted by using the rate kinetic model in the power cycle and along the exhaust
pipes. Carbon monoxide is computed under chemical equilibrium condition and
then empirical adjustment is made for kinetic behaviors based upon experimental
results. A good agreement is obtained in the comparison of computed and experi-
mental results of instantaneous cylinder pressure, manifold pressure and tempera-
ture, and nitric oxide and carbon monoxide emissions level.
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Introduction

In recent years, the internal combustion engine powered vehicles have come under
heavy attack dueto environment pollution through exhaust emissions of mainly the oxides of ni-
trogen (NO,), carbon monoxide (CO), and unburned hydrocarbons (HC). It has adel eterious ef-
fect on human beings and plants. So to achieve a clean environment, better understanding and
modifications of the combustion process are necessary. At the sametime, the fluid dynamic pro-
cess is much important for determining the overall performance of internal combustion engine
throughout its operating range.

In this respect computerized simulation techniques have been tried in recent years to
study the various parameters of engine performance and exhaust pollutant emissions, rather than
performing the experiments by using areal engine.

Abd Alla[1] has offered simulation modeling for single cylinder engine, which pro-
videsthe correlation of heat rel ease rate formulato predict the cylinder pressure that can be used
to find indicated power and other performances for engine. Kodah et al. [2], constructed atheo-
retical model to predict the cylinder’ s gas pressure, temperature, and rate of heat release. Raine
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et al. [3] have simulated and verified the result with measured values from single cylinder en-
gineby using “ power gas’ asafuel. The power gasisasynthetic fuel consisted mainly of carbon
monoxide and hydrogen. The“power gas’ fuel engine emits higher CO, and low CO in compar-
ison to compressed natural gas (CNG) and gasoline. Gasoline fuel operated engine provides
higher volumetric efficiency in comparison to CNG and “power gas’ fuel. In this connection
Bayraktar [4] presented a mathematical Sl engine cycle and combustion model and discussed
that liquid petroleum gas (L PG) fuel ed engine gives negative effect on engine performance, fuel
economy, and engine structural elements, when it is used at the same fuel-air equivalenceratio
as gasoline. However, it has positive effects on obnoxious exhaust emissions such as CO and
NO. Kultar et al. [5] simulated and confirmed with experimental values for single cylinder en-
ginethat, efficiency decreases more at part throttle condition in comparison to wide open throt-
tle (WQT). Partialy open throttle valveleadsto increase in pumping | oss, resulting reduction of
pressureloopin p-vdiagram. Adamset al. [6] analyzed and tested with the variable compression
ratio engine and suggested that significant saving in fuel consumption can be attained by vary-
ing the compression ratio asafunction of load and engine speed in comparison to an enginewith
aconstant compression ratio.

It hasbeen studied [5, 7-9] that, if agasoline or alternative fueled engine can be run on
avery lean air fuel mixture, the combustion processwill become more compl ete, and the level of
exhaust emissions of CO, HC, and NO, will be significantly reduced. However, it is normally
not possible to run a conventional carburetted engine on such alean mixture, because a normal
carburettor produces a wet, non-homogenous mixture and the fuel is unevenly distributed be-
tween theinlet manifold branches. Thusin multicylinder engine, some cylindersreceiveamuch
leaner mixture than others, and misfiring occursinthelean cylindersif the overall mixtureisbe-
yond acertain limit.

Kesgin[9] studied about intake and exhaust pipe sizeaswell asinlet and exhaust valve
of astationary natural gas engine performance. The effect of pipe elongation and T junctionin
exhaust pipe offers an improvement potential of the engine efficiency, but thisis limited be-
cause of the compactness of engine size. Theintake and exhaust manifold systems determinethe
engine operation behavior in steady and transient modes, the engine performance and the engine
emissions regarding exhaust gas and sound.

In continuation of the process undertaken, zero and quasi dimensional modeling have
been devel oped [9-14] for single cylinder engineto simulate four stroke cycle of aspark ignition
engine fueled with fuel as gasoline, ethanol, hydrogen, LPG, and their mixture. The study has
been performed to investigate combustion cycle, pollution emission and performance for vari-
ous engine geometric operational condition and fuel.

Most practical stimulation of intake and exhaust manifold are based on one dimen-
sional compressible flow equations and idea gas behavior. The classic method to attempt to
solve the one dimensional unsteady governing equation is through the use of method of charac-
teristic (MOC) and finite difference method (FDM) [9, 15-17].

Regarding this recent view thereis alack of experimental verification on multicylin-
der engineincluding gas dynamic effect in inlet and exhaust manifolds. In this paper attempt is
made to investigate the multicylinder (4 cylinders) Sl engine's combustion process, cycle per-
formance at various operating conditions, and engine manifold’s gas exchange system.

For practical and reliable evaluation, a quasi dimensional Sl engine cycle computer
simulation model has been developed, including intake and exhaust manifold system. In this
model compressible characteristic of flow isanalyzed by applying MOC model on relevant base
of gas dynamic, thermodynamic, and chemical kinetic. With this technique hyperbolic partial
differential equations are transformed into ordinary differential equationsthat apply on charac-
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teristic lines. Thetransformed equations are solved by FDM using interpolation onto arectangu-
lar grid.

To check thereliability of the present model, comparisons of resultswith experimental
work that have been presented.

Finally, the manifold gas dynamic effects on intake and exhaust ports pressure, pipe
line pressure, and temperature are explored. The further application of thismodel isto use alter-
native fuel engine, examining the effect of engine design and operating parameters.

Power cycle calculation

Power cycle occurs when both inlet and exhaust valves are closed. It consists of the
following processes:
— compression,
— ignition and propagation of flame front, and
— expansion: (1) two zone, (2) full products.

Compression. The compression process startsat the trapped condition. The state of the
gas at thispoint is derived using a perfect mixing model for the induced fresh charge and resid-
ual from the previous cycle. Reactions are neglected during compression and a perfect gas mix-
tureis assumed.

First law of thermodynamicsto the cylinder charge and equation of state givestherela

tions:
dp | R(dQ)_pdvi R ,}I1 )
da |C, \ da da (C, Y
For unburned mixture denoted by suffix “m”:
dT, _ (1dv 1dp @
da Vda pda
Convective heat transfer from the gasto wall iscal culated by using Annand’ s equation
[10-12]. K
2 =a 2 (RYP(T, —T, ) + (T ~Tih) 3

where kq isthethermal conductivity (= Cpu/0.7), and a, b, and c are constants (a= 0.4, b=0.7,
c=4.3109).
Reversible work done by reciprocating pistoniis:
daw  dv
— =p— 4
o " (4)
As the compression process continues the variables are incremented by following
equation and solved by the fourth order Runge-Kutta method:

X —Xn+d—XAa (5)
dor

n+l —
where " X" isany variable.
Ignition. The laminar flame speed for gasoline at pressure, temperature, and equiva:

lence ratio which occursin engine have been calculated by using the correlation of Metghal chi
and Keck’'s[4, 11, 17],
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Laminar flame speed (S), is:
a B
S, :SUSG_UJ (_pj [cm/s] (63)

us us
wherethereference pressureand temperaturearep,= 1 atm, and T, = 300 K, respectively. S is
the burning velocity at p,; and T,.. @ and § aswell as S, are functions of @ and are given by

[17]: S, =305 - 549(@ —121)2 [em/s]
@ =24-0271035, B =—0357+014D277

The first value of product temperature and pressure is guessed by following expres-
sions developed by Annand [18]:

T, = T+ 25000 ®f, for & <10 (73)

(6b)

T, = T,y + 2500.0 f, — 700(@ — 1.0)f; for @ > 1.0 (7b)

Thisfirst product temperature (T,) is calculated by balancing the specific internal en-
ergy of product at the guessed temperature with that of unburned mixture at current unburned
temperature using an iterative technique.

The turbulent flame front speed (S,) is calculated by [11, 12]:

Pu

S, =S Ff— Pb )
{p“ - 1}x L+l
Pb
where, flame factor Ff = 1 + 0.00018 RPM, and X, is burned mass fraction [2, 12].
Mass burning rateis calculated by [11, 12, 17]:

dm,
— D= Ap,S 9
dt fPu ()

Flame front areas are cal culated on the basis of geometrical model. The flamefront ra-
dius (R) and delay period (A9) are calculated by the relationships [11, 12, 18]:

00001V
R_ A0S, . 6RPM o

- , 10a, b
6RPM S, n (10a.b)

In order toinitiate the two zones (burned & unburned) afinite product volume V, =
= 1073 x cylinder volume, is assumed.
For two zone calculation [ 18] athree sequential stepsare adopted which aredepictedin
fig. 1.
In process A (fig. 1), it isassumed that cylinder content (unburned m mixture) under-
goes compression (V; to V,) with heat loss dQ,,, (combustion is not initiated).
The condition at the end of this process becomes:
Rm

, V, \om dQ
Vm
pr — prle (12)
Vol
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Figurel

In process B (fig. 1), the assumption is that the flame nucleus is formed by constant
specific volume combustion, which resultsin ahigh pressure and temperaturein the productsre-

gion. During the process T, and p’ are kept fixed.

Temperature of the product in the flame nuclease (T,7) and pressurein the flame kernel

can be calculated as;
” RPTF;, 2
pPP=——20p
Rme

and the mass of product is:  2nr3

p

2

(13)

(14)

where misthetotal masstrapped in the cylinder. Mass of the mixture remaining after process B

is:

m,, =m-m,

Totd internal energy
U =mup, =my, Uy, + myug

(15)

(16)

Process C (fig. 1) — pressure equalization, equating thetotal internal energy beforeand

after process C:

My, Upy + MpU =My, g, + MU,
For reversible adiabatic process hold:
Ky —1
T, =£&j m
T! !
and m P k-1
! pl!
a|SO P ’ !
P2 _ P P _ P Rutn
pI! p( p/l p/ Rpt;;

Using egs. (17, (18), and (20) the following relation is obtained:

y—1=A(1-By”)
where y =T, /T, and o = [Ky/(kp — DI[(K, — D/k]

(17)

(18)

(19)

(20)

(21)
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k-1

Al MG Te o :[ Rl iy Jkp
My, €, T RoTp

The eg. (21) can be solved for y with an iterative technique.

Expansion with two zones. In this model charges are considered homogeneous, pres-
sureis uniform throughout the cylinder, volume occupied by the flame reaction zoneis negligi-
ble, burned gasis at full thermodynamic equilibrium except for the NO,, and there is no heat
transfer between burned and unburned zones. The temperature and pressure of the burned and
unburned mixture can be obtained by applying the first law of thermodynamics, energy equa-
tion, flame speed, and the geometry of the burned zone in relation to the combustion chamber
[12, 18]

dfy _ Ve dP 1 dQ,

— (22)
o mpc, da myc, do
dL: p d_V_ RPTP _ Rme de _ Rme %_ Rm de + Vdp (23)
de MR, | da p p do pc, da pc, da  pda
¢, )av | R | dm
[1+ R, ]pda+L(up Uy,) — C, [Tp —FT’:Tm ]JM
{Cvm B RdeQm _dQ
dp _ Cp, RpCp )da da (24)
do c c
Vp &Vm _ Vm Vm _ Vp \Vi
Cpm p Cpm RD

The variables are incremented by the Runge-Kutta method. Theoretically combustion
should terminate when V,, — 0. In our numerical solution, it is assumed to terminate at the be-
ginning of the time step where we find that the current value of V,, isjust negative.

Once the combustion is complete the variables are organized to calculate for singe
zone only. The Runge-Kuttamethod is used. Heat transfer rateis calculated by Annand’ s equa
tion.

Gas exchange

The gas exchange period is the duration between opening of the exhaust valve and
closing of theinlet valve, when either one or both valves are open. A homogeneous mixture is
assumed for the residual gases mixing with the fresh charge. The gas exchange calculations are
carried out with the average gas properties of the resulting mixture.

By applying thefirst law of thermodynamics, the energy equation for the gasexchange
period is[18, 19]: _ 0
dQ —dW:a—t(mcuc) +dm,he, —dm hi, (25)

Stagnation enthalpy h, = a2/(k— 1) and internal energy mu, = p.V/(k — 1) after rear-
ranging the eg. (25) becomes:
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Ve dpc__ ke dvc+ aiﬁ dm _ ago d&_i_d_Q (26)

k—1dr k-1"de Kk -lda ko—lde  ca
The mass balance in the cylinder is:

dm, _dm _dm 27)

doe da do
(M )z = () + 2% A (29)
(P = (PO + % 29)
T =[ gr\r:c ] (30)

Pipe calculations

The partial differential equations for 1-D non-steady flow of a perfect gasin a duct
with gradual area change, wall friction, heat transfer, and entropy changes are [15, 16, 18]:

— continuity
op ou op u dF
—+p—+uUu—+p——=0 31
ot pax oX pF dx (1)
— momentum
2
ou,  ou,10p Afu u_ (32)
ot ox poax D 2|y
where
fotw
}puz
— energy equation: 2
2
ﬂ)+uﬂ)—aZ@—a?uﬂa—(k—l)p q+u£u—£ =0 (33)
ot oX ot ox D 2|y
where
a2 K
P

The method of characteristics is applied to solve these equations. Using the Riemann
variables, the characteristic solutions of these equations are [18]:

(a) A characteristics

A=A+ kT‘lu (34)
— direction condition dx
—=U+A (35)
dz
— compatibility condition
k-1
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Taking non-dimensional parameter as.

A__ B v Aa:aA Z:ar_eft
a'ref aref aref Xref
A (k=12 X k—-1AU dF
e a0
Aa aref
—k_‘lzf Xref U2 E|[1_ (k—l)Lﬂ dz (37)
(b) B characteristics
B = A—leu (39)
— direction condition
dX
d—Z:U - A (39)
— compatibility condition K—1
a8 = dA——dU (40)
(k=12 1) _(k-1) AU dF
AadA"“ 2A a3 2 F dX ax T
+(k 1jzf re‘U25|[1+(k—1)!A}dZ (41)

Inegs. (37) and (41), the first term isthe changein d (or d3) due to entropy change,
the second termisdueto heat transfer, thethird termisdueto areachangesand thefourthtermis
dueto friction.

(c) Path line characteristics

— direction condition

d_X:U :L (42)
o - dX k-1
— compatibility condition
— k-1 Aa OX ref 2eref 3
dA, = > E( 22 u 3| |az (43)

Thelocal Riemann variables, 4 and 8, and the entropy level A, give the pressure, tem-
perature, and velocity of the fluid at a point. The following relationships are used:

A A+p U= A=-p
2 k-1
Considering these relationships and isentropic process eq. (43) becomes,

— _ Aa qxref 2fxref M B|
A =2(k 1)(/1+ﬁ)2{a3 D |k-1| J @ “9
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Equation (44) gives the change in entropy level of the gas particles along path lines.
The relationship between the pressure and the speed of sound is given by:

2k 2k

NER SN (45)
pref_ an B Aa

Heat transfer in pipes

The Reynolds analogy for heat transfer could be used with the method of characteristic
to calculate approximately therate of heat transfer between an exhaust pipewall and agas under
unsteady flow conditions [18].

Heat transfer coefficient (h) of Reynold's analogy:

f
h=— U (46)

and the heat transfer rateis:
_ 2fuc, (T, - Ty)

4
5 (47)
Using thisrelation and ¢, = [k/(k — 1)]R, the heat transfer term for the characteristic:
k-2 gx, 1
(52') heat transfer — ( ) q_ref_dz (48)
2 a3 A
and for the path line characteristic:
X fR
(OA) v =k 22U = Rr Tz (49)
A2 D aZ

Numerical solution on non-homentropic equations

For theright and left running characteristics[18], A1 and 111 symbols are used respec-

tively.
If X istaken positive form the left to the right
M=, AM=p
and if X ispositive from the right to the left
Al=8, A=A

Using these notations, and A= (A +8)/2; and U = (A —B)/(k—1)
ageneral compatibility equation can be expressed as:

=t Bap KD Ky (PP LAF

2A, LB a 4 FX
Kodyg X (AP)° A2 {1—2(]“5)}12 (50)
2 7D (k-1 p-pl 2+

We define the ends of the duct as odd and even numbers, then if the nominal slope of
the characteristicsisin the odd to even end direction A = Al and 8 = 411 in (eg. 43).
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If the nominal slope of a characteristicsisin the even to odd end direction, then
B =21, A =All in(eg. 43)
In line with this convention pipes are numbered 1-2, 3-4, etc., in fig 2.

 Air
Pipe no. I, I, 11l, ... XVII 34
Pipe end no. (1, 2), (3, 4) ..... (33, 34)
Total junction = 08 XVII
33
Fuel ——»X Carburettor
32
XVI
31
28

Inlet side

Cylinder

| | |

16 15 ViI
X 12
18

Figure 2. The pipe and pipe end numbersfor computational analysis

For path line characteristics, therequired 4 and Sat apath line can be calcul ated by us-
ing linear interpolation between the values at the two mesh pointson either side of the path line.
The compatibility equation is used which gives the change in entropy 5A, as:

3

-1 4Aak OX et + 2eref |//Lk _ﬁk| AZ (51)

k
5 =
Aa, 2 (A +B)2| ad, D | k-1 |

Species formation

Itisconsidered that there are 12 species present in the combustion product inthecylin-
der and in the exhaust. These are H,O, H,, OH, H, N,, NO, N, CO,, CO, O,, O, and Ar. These
species could reach equilibrium condition if sufficient timeis allowed for the reactions to take
place under a certain state [17, 18, 20].
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Criterion for chemical equilibrium can be expressed by Gibbs function as:
(dG)T,p:O
the specific Gibbs function is expressed as.
g(T) Cg dy &
2l 1-InT)-b,T-2T2-273_2T4_k 52
RT a )b, 2 3 4 9 52

where ay, bg, Cy» dg, €y and kg are constants. Their values are obtained from reference [17, 18,

20].
Considering the equilibrium equation of reaction used by Vickland et al. [17, 18]:
vA+uvB=vLC+v,D (53
The equilibrium constant K, is obtained by:
x:cxgd U +0gq —Uy—U)
Kp =ﬁ p cTUd “Va~Up (54)
Xa2 X o

where v is the stoichiometric coefficient, X — the molar fraction, and p — the total pressure.
The equilibrium constants for al chemical equilibrium equations are obtained by us-
ing the following relation:

AH
" Kp :{Z{Ugﬁg)}rma‘n B Zl:ugﬁ(:):lproduct} - ﬁTo (55)

NO formation

Itisobserved that the formation of NO and CO inthe cylinder and in the exhaust is not
in equilibrium. The rate kinetics of NO is considered in the present work. The seven governing
equationsfor NO formation are considered on thetheory developed by Lavoieet al. [11, 17, 18].

Thefirst equation is:

N+NO = N,+0O (56)

For the eqg. (56):

\%%[(NO)VF—K“[N][NO]— K15[N ][O} (57)

where K = forward rate constant (K; = 3.1-10%169T), K, = backward rate constant, V = vol-
ume of burned gas, and K, is obtained by using the relation:

Klf[N]e[No]e: Klb[NZ]e[O]e: Rl (58)
The following rate equation for NO is obtained [15]:

(

L drNoV] =20 -a?) Ry . Re ‘ (59)
V dt R, Re
l+ea, 1+
L R, + R, R, +Rs + R,

where o, = [NOJ/[NO], and “ € represents the equilibrium condition.
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CO formation

The formation of carbon monoxide inside the cylinder isassumed to be at equilibrium
condition up to the peak value. After that the concentration of CO is assumed to lie between
peak equilibrium and current equilibrium value, because at |ower temperature during expansion
process, the actual chemical reaction rates for the formation of CO lag behind the equilibrium
value leading to a higher value than obtained at equilibrium [18, 22]. A multiplication factor
called COFAC isintroduced to obtain the correct value at the exhaust.

The following relation is used for the computation work:

XCO= XCOyg, + COFAC(XCO5 — XCOq) (60)

where XCO = concentration of corrected CO, XCOg, = concentration of CO at equilibrium,
XCO,o = maximum value of CO concentration at equilibrium condition, and COFAC = scale
factor liesbetween 0 and 1; 0 meanstheinstantaneous equilibrium value of CO, and 1 means CO
isfrozen at the peak value.

Presentation and discussion of results

The fuel and air mixture inducted through the inlet valve into the engine cylinder,
where it mixes with residua gas, and then the mixture is compressed. The combustion isiniti-
ated during the compression stroke at 33.6° before TDC by el ectric discharge of aspark plug. As
the flame continuesto grow and propagates across the combustion chamber, the pressurerapidly
rises and reaches a maximum just after TDC, and then decreases during the remainder of expan-
sion stroke as shown in fig. 3(a), (b), (c) for different equivalenceratios, 0.88, 1.05, and 1.1, re-

50 1Gasoline 80 Gasoline -
& |CR=85; COFAC = 0.5 F 50 |CR=85;COFAC = 0.5/
2,40 [ 8, )
o Eqv. ratio = 0.88 @ 4o | Eqv. ratio = 1.05
2 30woT: @ WOT; 3000 rpm
§ WOT; 3000 rpm E 30
ot N S R Computed ; o 04 N Computed
3 10 ——a—— Measured 2 —4—— Measured
% > 10

O
O 4 - i ‘ . i ‘ : : 5 -
400 450 500 550 600
s00 &0 #0030 Crank angle [deg] 200 250 300 350 400 450 500 550

Crank angle [deg]

Figure 3(a) Computed and measured cylinder Figure 3(b) Comparison of measured and
pressurevs. crank angle (eqv. ratio = 0.88) computed cylinder pressure vs. crank angle (eqv.
ratio =1.0)

(2]
o

Gasoline CR=8.5
COFAC =0.5;
Eqv. ratio = 1.1
WOT; 3000 rpm

o o

------- Computed
—&—— Measured

o

Figure 3(c) Comparison of measured and
computed cylinder pressurevs. crank angle (egv.
ratio=1.1)

(=]

Cylinder pressure [bar]
2N 8 a2 g

230 270 310 350 390 430 470 510 550
Crank angle [deg]
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spectively. Asin figures, the predicted results have been validated by comparison with experi-
mental results obtained from Vauxhall Victor 2000cc, four cylinders, four stroke Sl engine. The
technical datafor the engine are given in tab. 1.

Referring to fig. 3(a), (b), and (c) the computed curvesfollow the experimental cylin-
der pressure curves, but the measured and computed peak pressures are slightly different.

The discrepancy of the peak pressureis caused by the cycleto cycle dispersion, andis
dueto non-homogeneity of fuel mixture and supply inthecylinder in actual case, but theoretical
calculations are based on constant homogeneous mixture supply at every cycle. A great deal of
experimental research work [21, 23] has been done on cyclic dispersion. Another major source
of cycleto cyclevariationisdueto thevariationin the spherical burning areaproduced by varia-
tion in the position of the wall contact flame center and variation in the laminar flame speed at
the spark and fluctuation in the first eddy burn [24, 25].

The prediction of indicated mean effective pressure (IMEP) isshowninfig. 4. IMEPre-
duces throughout the higher speed and lower range and maximize in the engine’s mid range. At
higher and lower engine speed range volumetric efficiency decreases which causes|ower IMEP.

wonsofpessss 1000 rpm — w4000 rpm Tablel.
124 —o—— 2000 rpm —#—— 5000 rpm
B 3000 pm A, Measured (3000m) | Frgine type (S1) Vauxhall Victor 2000cc
o 10
s 9 @ Cycle 4 stroke
3 :/(_k_,_,‘_.(‘.\x Gasoline Number of cylinder Four cylinder in line
CR=85 .
g e Cylinder bore 9.53 cm
0.7 0.9 11 13 15 Stroke 6.92 cm
Fuel/air equivalence ratio Connecting rOd Iength 1365 cm
Figure 4. Variation of indicated mean effective Compression ratio 85
g;sjurewnhfuellajr equivalenceratio and engine Angle of ignition 33.60 bTDC
Valvetiming
Predicted val Ji ¢ with —evo 114.60 aTDC
icted values are good in agreement wi B
experimental values at 3000 rpm. Experimen- ?VC 393.60aTDC
tal values are given in reference [18]. IMEP —ivo 326.60aTDC
gradually increaseswith equivalenceratio and —ivec 605.40 aTDC
reaches maximum at dlightly enriched Spark plug position
stoichiometric mixture (between® =1t0 1.1). from nearest point of | 0.3517
Due to dissociation, at high temperatures fol- || wall/bore (ND)
lowing combustion, molecular oxygenispres- Firing order 1-3-4-2
ent in the burned gases under stoichiometric Fuel Gasoline (C/His )
condition, so more additional fuel can be o
' . .. Calorific volue 44 MJk
added and partially burned. Thisincreasesthe g
temperature and the number of moles of the Lrgg?ggggy
burned gas in the cylinder. These effects in-
crease the pressure to give increased mean ef- —u2 —1.0715e4
fective pressure and indicated power. Above - u3 2.89500€2
this equivalence ratio (@ >1.0), power de- —ud —0.800e-1
creases due to the decreasing combustion effi-
ciency, because of insufficient air for com- - WS 1.66500e-5
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Figure 6. Variation of indicated speed fuel
consumption with fuel/air equivalence ratio and
engine speed

plete combustion of fuel. The same factors
mention above are influenced in the variation of
thermal efficiency for equivalence ratio and en-
gine speed range, as shown in fig. 5.

For mixtures lean of stoichiometric, the fuel
conversion efficiency increases linearly as @
decreases below 1.0. Combustion of mixtures
leaner than stoichiometric produces products at
lower temperature, and with less dissociation of
the triatomic molecules CO, and H,O.Thus the
fraction of chemical energy of fuel isreleased as
sensible energy near TDC is greater, which is
transferred as work to the piston and efficiency
becomes higher.

The effect of fuel-air equivalence ratio on
indicated specific fuel consumption (ISFC) of
engine at different speed range is shown in fig.
6. ISFC varies little over the engine speed
range; thisvariation of |SFC is due to the volu-
metric efficiency and fuel conversion effi-
ciency. As the figure shows the engine is most
efficient when running stoichiometric or
slightly lean and mid range of speed, just below
3000 rpm. At very lean mixture engine wastes
fuel because of misfire, and rich mixture it
wastes fuel since there is not enough oxygen
present to liberate all of the fuel’s energy.

Theeffect of variation inthe equivalencera-
tioonNO emissionisshowninfig. 7. NOforms
throughout the high temperature burned gasses
behind the flame through chemical reactionsin-
volving nitrogen and oxygen atoms and mole-

cules, which do not attain chemical equilibrium. The higher the burned gas temperature the
higher istherate of formation of NO. Asthe burned gases cool during expansion strokethereac-
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Figure 7. Variation of NO concentration with
fuel/air equivalenceratio

tions involving NO freeze. Maximum burned
gas temperatures occur at slightly enriching of
stoichiometric; however, at this equivalencera-
tio oxygen concentrations are low, resulting
low NO concentration level. As the mixture is
enriched, burned gas temperature fals, and as
the mixture is leaned out increasing oxygen
concentration initially offsets the falling gas
temperature and NO emissions attain peak
value at @ ~ 0.9. Near the stoichiometric and
peak value of computed NO agreeswith experi-
mental values, as shown in fig. 7. But there are
somedifferencein peak valueasrecorded inthe
same figure. This difference is expected be-
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cause the computed results are obtai ned with the assumption of constant homogeneous mixture
supply.

The variation of CO emission with the
equivalence ratio is shown in fig. 8. With rich

-
o
|

Gasoline
equivalence ratio there is insufficient oxygen s | crR-85coFAC-05
to burn all the carbon fully in the fuel to CO,. WOT 3000 rpm

Also, in the high temperature products even
with lean mixtures, dissociation ensures there
is significant CO level. Later in expansion
stroke, the CO oxidation processalso freezesas
the burned gastemperaturefalls. The CO emis-
sions were predicted with the assumption that 0.6 0.8
CO after achieving the peak equilibriumin cyl-

inder m"’“f‘tf"“’?s an amhmeitl(.: mean Value of Figure 8 Variation of CO concentration with
peak equilibrium and existing equilibrium  ¢,e/air equivalenceratio

value (COFAC = 0.5). The computational val-

ues match closely with the experimental val-

ues.

67 No. 4 cylinder manifold
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CO concentration [v%]

A Measured

T
1.2 1.4
Equivalence ratio

At the exhaust valve outlet, pressure and temperature are varied with crank angle as
showninfigs. 9 and 10, respectively. 0° crank angleis marked when the cylinder no. 1isat TDC
and expansion stroke begins. The exhaust process begins at 65.4° before BDC and closes at
36.6° after TDC. The exhaust gas pressure and temperature are increased sharply during
blow-down period and slowdown towards TDC and then continuous up to BDC. It is so be-
cause, when the exhaust valves open the violent blow-down generates a strong pressure pulse
which travels down to the exhaust pipe at sonic velocity and expands into the exhaust pipe.

Gasoline Cylinder no. 1

CR = 8.5; Eqv. ratio = 1.05 Cylinder no. 2 Gasoline Cylinder no. 1

WOT 3000 rpm; AF = 13.89 Cyl?nder no. 3 CR = 8.5; Eqv. ratio = 1.05 Cylinder no. 2

- Cylinder no. 4 WOT 3000 rpm; A/F = 13.89 Cylinder no. 3
18004 ot Cylinder no. 4

1500
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600 1 ‘\

3001

6
5
4
3
2

1

0

0 — !
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Crank angle [deg]

Pressure at exhaust valve outlet [bar]
Temperature at exhaust valve outlet [K]

0 200 400 600 800
Crank angle [deg]

Figure9. Four cylinder outlet pressurevs. crank Figure 10. Four cylinder outlet temperature vs.
angle crank angle

The exhaust manifold pressure and temperature depend upon the inlet manifold pres-
sure and speed of the engine. The pressure intheinlet manifold varies during each cylinder’sin-
take process dueto the variation in piston speed, valve open areaand the unsteady gasflow. The
pulsating exhaust flow from each cylinder’s exhaust process sets-up pressure waves in the ex-
haust pipe. Figures 11 and 12 show the measured and computed pressure variations at upstream
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Figure 11. Comparison of computed and
measur ed pressure at upstream pipe no. VII
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Figure 12. Comparison of computed and
measured pressure at downstream pipe no. V11|

and downstream of pipe no. VII, respectively.
The two results are in agreement. Figure 13
shows the computed results of temperature
variation at upstream and downstream of pipe
no. VII.

As the pressure and temperature diagrams
are obtained in a four cylinder engine exhaust
system, the four primary pulses are associated
with the exhaust system blow down. Thetiming
of the pulses follows the firing order of the cyl-
inders and the phasing is due to the rel ative po-

downstream of pipeno. VIl end vs. crank angle  sjtion of one cylinder to another.

Conclusions

A computer simulation technique has been devel oped to model the gas dynamics phe-
nomena which occur in the intake and exhaust manifolds of multi-cylinder spark ignition en-
gines. The exhaust system has a critical effect on the charging and gas exchange process and
hence on the overall performance of the engine. This arises from the cycle of events during the
exhaust and recharging phases when the exhaust pipe and induction manifold are both open to
the cylinder at the same time. In the development of internal combustion engine attention is
drawn to the pressure phenomena occurring in the exhaust pipe.

Exhaust pulses affect the engine performance both in timing of the pulse and overall
length of the pipe. The influence of the pressure pulses on the charging process affects the overall
performance of the engine. Exhaust system should be designed to enhance the engine performance.

The theoretical results obtained from the present model and experimental results ob-
tained from afour cylinder, four stroke Vauxhal-Victor 2000cc petrol engine have confirmed
the reliability and accuracy of the present model for predicting the performance of Sl engine
running on gasoline fuel.

The present model can be used to examinethe effect of fuel type, engine geometry, and
operation parameters on combustion cycle and engine performance. The only change required
inthemodel to alow for other fuel isto use different internal energies of reaction and thermody-
namics data for the fuel. In addition, formulations for the flame speed are required for different
fuels.
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Nomenclature
A — non-dimensional speed of sound (=a/ay) r — flameradius, [m]
A, — non-dimensional form of a, (Zaa/aw) T — gastemperature, [K]
a — speed of sound, [ms™] Tm — unburned mixture temperature, [K]
a — Annand constant for convective heat T, — burned or product temperature, [K]
transfer (in eg. 3) Tw — temperature of pipe wall, [K]
N — speed of sound after isentropic change of t — time, [9]
state to reference pressure, [ms™] U — internal energy, [J]
g, by, Cq, U — non-dimensional particle velocity
dy, € Ky —polynomial coefficients of gas (= Uan)
aq  — reference speed of sound, [ms™] u — particle velocity, [ms™]
b — Annand constant for heat transfer (in eq. 3) u — specificinternal energy, [Jkg™] (intab. 1)
CR  — compression ratio U — laminar flame speed, [ms™]
CV - caorific value of fuel, [kdkg™] U, — turbulent flame speed, [ms™]
c — radiation heat transfer coefficient \% — volume, [m?]
(= 4.310° [kWT™*m?]) W — work, [W]
c, — specific heat of gas at constant volume, X — non-dimensional length (= X/Xr)
[kIkg™K™ X — distance, [m]
D — diameter, [m] X — molar fraction of i"" species
D — diffusion coefficient (diffusivity), [cm?s™] X«  — referencelength, [m]
F — area, [m2] z — non-dimensional time (= aye.t/Xver)
F; — flame factor
f _ friction factor (= 7,/0.5 pu?) Greek letters
f; — fraction fresh mixture a — crank angle, [deg]
g — gpecific Gibbs free energy function B — Riemann variable (A — U(k -1)/2)
Ho - enth@l py at absolute zero, [kJ] A0 — delay period, [deg]
hy — spexific enthal py at absolute zero, y) — Riemann variable (A + U(k - 1)/2)
[kkg™] r — viscosity of gas, [kgm™s™]
h, — heat transfer coefficient of Reynolds’ P — gasdensity, [kgm™]
analogy, [WmK™] 7, - wall shear stress, [Nm
Ky - backward rate constant v — stoichiometric coefficient
Ky - forward rate constant @ — equivalence ratio
Ko — equilibrium constant
k — specific heat ratio (= cp/cv) Subscripts
Kq — thermal conductivity (= cyu/0.7) 0 _ stagnation condition
[kdstm K a
c — cylinder
m — mass, [k e — exhaust
p — pressure, [Nm™] ~ oas
Q - total heat flux, [kJ] o
q — rate of heat'transfer per unit time per unit K — path line count
mass of fluid, [kW]_l 1 m — unburned mixture
R — gas constant, [kkg~K™] n — previoustime step
R — universal gas constant, [kdkmol K™ ml  — current imestep
Re — Reynolds number . p — product (burned)
R, — one way equilibrium rate for equation ref _ reference
(i=1,2234,56,7) u — unburned
RPM - revolution per minute W — wall
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